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Abstract

A new semi-empirical condensation model for heat transfer coefficient of pure refrigerants flowing inside micro-fin

tubes is presented. The new model is developed based on a theoretical analysis of turbulent film condensation inside

smooth tubes. Several modifications have been implemented in the original smooth-tube model to account for the heat

transfer enhancement effects due to the presence of micro-fins on the internal wall surface. The new condensation model

is compared with a set of around 400 experimental data points. The comparison shows that the new model is capable of

producing consistent prediction results with a mean absolute deviation less than 20% for most of the available data sets.

� 2004 Elsevier Ltd. All rights reserved.
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1. Introduction

Since the early 1980s the use of micro-fin tubes for

commercial and air-conditioning applications has bene-

ficially enhanced the heat transfer performance of tubes

with relatively low pressure-drop increases. Micro-fin

tubes are found to be one of the most efficient heat

transfer enhancement techniques to improve the perfor-

mance of the heat exchangers. This has been shown by

several researchers such as: Cavallini et al. [1], Yu and

Koyama [2], and Kedziersky and Goncalves [3]. Accor-

ding to Cavallini et al. [1], micro-fin tubes generally
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show heat transfer enhancement, with respect to equiva-

lent smooth tubes under the same operating conditions,

from 80% to 140% with a pressure-drop increases from

20% to 80%. Similarly, Yu and Koyama [2] showed that

the local heat transfer characteristics in a horizontal

micro-fin tube are two times higher than those of a

smooth tube with the same inner diameter. They attrib-

uted the heat transfer enhancement to the enlargement

of heat transfer area. Kedziersky and Goncalves [3] pre-

sented a local convective-condensation measurement for

four refrigerants: R134a, R410A, R125, and R32 in

micro-fin tubes. Based on their correlation of the pres-

sure-drop measurements, they suggested that the heat

transfer enhancement was due to the fins behaving as

a surface roughness.

The presence of the micro-fins on the internal

wall surface of the horizontal tubes effectively increases

the heat transfer performance of the tubes. This heat

transfer enhancement is mainly caused by the helical
ed.
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Nomenclature

cp specific heat (Jkg�1K�1)

di inner-tube diameter (m)

do outer-tube diameter (m)

(dp/dz)f frictional pressure gradient (Pam
�1)

e micro-fin fin height (m)

fLO friction factor based on total flow assumed

as liquid

fGO friction factor based on total flow assumed

as gas

Fr Froude number

g gravitational acceleration (ms�2)

G total mass flux (kgm�2 s�1)

h condensation heat transfer coefficient

(Wm�2K�1)

H phase change number

k thermal conductivity (Wm�1K�1)

L heated test section length (m)

_m mass flow rate (kgs�1)

MAD mean absolute deviation

N total number of data points

ng number of micro-fins

p pressure (Pa)

P1 � P3 constant defined by Eq. (37)

Pr Prandtl number (dimensionless)

q surface heat flux (Wm�2)

Re Reynolds number

Rx enhancement factor

Rxf empirically-fitted relative roughness

th tube-wall thickness (without micro-fin) (m)

T temperature (�C)
T+ dimensionless temperature

DT wall superheat (�C)
u velocity (ms�1)

u* friction velocity (ms�1)

u+ dimensionless velocity

x vapor quality

y distance measured from boundary (m)

y+ dimensionless distance from the wall

We Weber number

Greek symbols

b micro-fin apex angle (degree)

c micro-fin helix angle (degree)

l dynamic viscosity (kgm�1 s�1)

m kinematic viscosity (m2s�1)

s shear stress (Pa)

eH Eddy diffusivity of heat (m2s�1)

eM Eddy diffusivity of momentum (m2s�1)

aT thermal diffusivity

d liquid film thickness (m)

d+ dimensionless liquid film thickness

D difference

U two-phase multiplier

q density (kgm�3)

r surface tension (Nm�1)

Subscripts

f frictional

GO total fluid assumed as vapor

l liquid-phase only

LO total fluid assumed as liquid

m two-phase mixture

sat saturation

t turbulent

v vapor-phase only

w wall
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orientation of the micro-fins that uniformly distribute

the liquid film around the circumference of the tube.

The transfer enhancement effect is also partly due to

an increase in the effective internal wall surface area

and to the turbulence induced in the liquid film by the

micro-fins.

In the past, many researchers have been involved in

determining the performance of the smooth tubes with

pure refrigerant as working fluids. Correlations in pre-

dicting the condensation heat transfer coefficients for

horizontal smooth-tubes have been proposed by the

researchers. Generally, these correlations were deve-

loped by using empirical methods to compute the

condensation heat transfer coefficients. Most of these

proposed models are modifications of the Dittus–Boelter

single-phase forced convection correlation. Akers et al.

[4], Cavallini and Zecchin [5], and Shah [6] presented
empirical models that were formulated by using the Dit-

tus–Boelter correlation as a starting point. However,

most of these models were developed based on the

researchers� own data and are valid only for certain
refrigerants. For micro-fin tubes, the available methods

for predicting the condensation heat transfer coefficients

of tubes were often based on extensions of smooth-tube

models. Heat transfer enhancement effect due to the

micro-fins have been incorporated by introducing new

parameters and generating new empirical constants to

the original smooth-tube correlations.

The main objective of the current work is to develop

a semi-empirical model for predicting heat transfer coef-

ficients during condensation of pure refrigerants flowing

inside different geometries of micro-fin tubes. The vali-

dity of the new semi-empirical model is to be evaluated

with available experimental data.



Table 1

Flow conditions for pure refrigerants flowing inside micro-fin tubes

Reference Runs Fluid psat (kPa) Tsat (�C) q (kWm�2) G (kgm�2 s�1) x (mean)

Bogart and Thors [7] 17 R22 40.6 200–800 0.80–0.10

Chamra et al. [8] 24 R22 24 40–200 0.80–0.20

Ebisu and Torikoshi [9] 7 R22 50 85–530 0.80–0.10

Eckels and Pate [10] 20 R134a 30–50 130–420 0.88–0.05

20 R12

Eckels et al. [11] 12 R134a 1010 40 80–400 0.88–0.05

Eckels et al. [12] 16 R134a 1010 40 120–400 0.88–0.05

Eckels and Tesene [13] 15 R22 40 100–630 0.95–0.05

19 R134a

Goto et al. [14] 52 R22 40 48–598 0.90–0.10

Hitachi Cable [15] 12 R22 1540 40 100–300 0.5

Muzzio et al. [16] 24 R22 35 80–410 0.50

Muzzio et al. [17] 37 R22 1350 35 80–410 0.80–0.10

Schlager [18] 27 R22 1543–1561 40.2–40.7 120–405 0.898–0.092

Schlager et al. [19] 15 R22 39–42 180–550 0.90–0.10

Shinohara and Tobe [20] 9 R22 1400 100–300 0.60

Tang et al. [21] 35 R22 40 250–850 0.50–0.50

R134a 40 250–750

Uchida et al. [22] 6 R22 35 2.3–37.2 100–500 0.90–0.10

Yasuda et al. [23] 17 R22 40 100–350 0.60

Table 2

Tube geometries for pure refrigerants flowing inside micro-fin tubes

Reference Tube material do (mm) th (mm) e (mm) ng c (�) b (�) L (m)

Bogart and Thors [7] Copper 9.53 0.33 0.203 60 18 50 3.66

Chamra et al. [8] Copper 15.88 0.5 0.35 74–80 15–27 30 2.44

Ebisu and Torikoshi [9] Copper 7.0 0.3 0.18 50 18 40 3.0

Eckels and Pate [10] Copper 9.52 0.40 0.20 60 15 50 3.67

Eckels et al. [11] Copper 9.52 0.30 0.2 60 18 50 3.66

12.70 0.40 0.2 60 17 50 3.66

Eckels et al. [12] Copper 9.52 0.30 0.20 60 17 50 3.66

Eckels and Tesene [13] Copper 9.53 0.305 0.203 60 18 51 3.78

15.88 0.635 0.305 60 27 45 3.81

7.94 0.3 0.203 50 18 57 3.78

Goto et al. [14] Copper 9.52 0.27 0.17 60 25 50 1.0

6.35 0.27 0.14 55 16

Hitachi Cable [15] Copper 9.50–9.52 0.28 0.2–0.21 60 17 40–53 0.50

0.29 18

Muzzio et al. [16] Copper 9.52 0.3 0.15–0.23 54–65 18 40–90 2.6

0.34 25

Muzzio et al. [17] Copper 9.52 0.30 0.195 54 18 40 2.24

Schlager [18] Copper 9.52 0.40 0.2 60 18 50 3.67

0.50 0.38 21 30 10

Schlager et al. [19] Copper 9.52 0.30 0.2–0.15 60 18–25 40 3.67

Shinohara and Tobe [20] Copper 9.52 0.30 0.12–0.20 60 7–25 35 0.50

65 50

90

Tang et al. [21] Copper 9.52 0.36 0.2 60 0 15 2.83

72 18 40

Uchida et al. [22] Copper 7.0 0.30 0.163 60 18 40 1.09

Yasuda et al. [23] Copper 9.52 0.30 0.2–0.25 60 18 40 3.05

7.94 50 30
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2. Experimental database

A database was created from the available experimen-

tal data of pure refrigerants flowing inside micro-fin

tubes. These data were collected from published papers

to help to develop the new pure-refrigerant model and

test the validity of the new pure-refrigerant model.

Tables 1 and 2 present the pure refrigerants experimental

data for flow inside micro-fin tubes. Table 1 lists the flow

conditions (saturation pressure, saturation temperature,

heat flux, mass flux, and mean vapor quality) and Table

2 delineates the tube geometries (outer tube diameter,

minimum wall thickness, fin height, number of fins, helix

angle, apex angle, and the heated test section length).

All the experimental data were presented at constant

vapor quality with varying mass flux. The mean absolute

deviation (MAD) is set as the criterion to determine the

effectiveness of a heat transfer model. MAD is defined as

the average of the normalized difference between the pre-

dicted heat transfer coefficient and the experimental heat

transfer coefficient.

MAD ¼ 1

N
�
X j hexperimental � hpredicted j

hexperimental
ð1Þ

The heat transfer model is considered acceptable if the

MAD is less than 30%.
3. New pure-refrigerant model

A new pure-refrigerant model is developed based on

a theoretical analysis of turbulent film condensation in-

side smooth tubes. The flow is assumed to be in the

annular regime over the length of the tube. In order to

determine the condensation heat transfer coefficient for

the turbulent liquid film, the transport of heat in the

film, neglecting downstream convection compared to

cross-stream diffusion, is given by

q ¼ � k þ qcpeH
� � dT

dy
ð2Þ

where �H is the turbulent eddy conductivity. By

substituting the thermal diffusivity, Eq. (2) becomes

q ¼ �qcpðaT þ eHÞ
dT
dy

) q ¼ �qcpm
1

Pr
þ eH

m

� �
dT
dy

ð3Þ

where aT is the thermal diffusivity and Pr is the Prandtl

number. Eq. (3) can be expressed in dimensionless form

as

q
qw

¼ 1

Pr
þ eH

m

� �
dTþ

dyþ
ð4Þ

where

yþ ¼ y
u	

m
with u	 ¼

ffiffiffiffiffi
sw
q

r
¼

ffiffiffiffiffi
gd

p
ð5Þ
Tþ ¼ qcpu	

qw
ðT w � T Þ ð6Þ

If the turbulent Prandtl number, Prt, is equal to one,

then

Prt ¼
eM
eH

¼ 1) eM ¼ eH ð7Þ

where eM is the turbulent eddy diffusivity. Eq. (4)

becomes

q
qw

¼ 1

Pr
þ eM

m

� �
dTþ

dyþ
ð8Þ

Eq. (8) can be integrated from zero to d+, where d+ is the
dimensionless liquid film thickness,

dþ ¼ du	

m
ð9Þ

at y = d+,T = Tsat and at the surface, y = 0, T = Tw
Therefore,

T sat � T w
ðqw=qcpu	Þ

¼
Z dþ

0

dyþ

Pr�1 þ eM=mð Þ
: ð10Þ

Eq. (10) can be integrated if the relationship be-

tween eM/m and y+ is known. This relationship is estab-

lished by using the universal velocity distribution

expressions

s ¼ ðl þ qeMÞ
du
dy

) s
sw

¼ 1þ eM
m


 � duþ
dyþ

ð11Þ

Therefore,

1þ eM
m

¼ s=sw
duþ=dyþ

) eM
m

¼ 1
duþ
dyþ

� 1 ð12Þ

The von Karman velocity distribution can be used to

evaluate eM/m.

yþ 6 5) uþ ¼ yþ ) eM
m

¼ 0 Viscous sublayer

ð13aÞ

5 6 yþ 6 30) uþ ¼ �3:05þ 5 lnðyþÞ

) eM
m

¼ 0:2yþ � 1 Buffer sublayer ð13bÞ

yþ > 30) uþ ¼ 5:5þ 2:5 lnðyþÞ

) eM
m

¼ 0:4yþ � 1 Turbulent region ð13cÞ

where uþ ¼ �u
u	.

Eq. (10) can now be integrated to evaluate the con-

densation heat transfer coefficient,
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h ¼ q
T sat � T w

) qcpu	

h
¼ Tþ

¼
Z 5

0

dyþ

Pr�1|fflfflfflfflffl{zfflfflfflfflffl}Viscous,sublayer
þ
Z 26

5

dyþ

Pr�1 þ ð0:2yþ � 1Þ|fflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl}Buffer,sublayer
þ
Z dþ

26

dyþ

Pr�1 þ ð0:4yþ � 1Þ|fflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl}Turbulent,region
ð14Þ

The dimensionless temperature, T+, is defined as

Tþ ¼ dþ � Prl dþ
6 5 ð15Þ

Tþ ¼ 5 � Prl þ ln 1þ Prl
dþ

5
� 1

� �� �� �
5 < dþ

6 30

ð16Þ

Tþ ¼ 5 � Prl þ ln 1þ 5 � Prlð Þ þ 0:5 � ln dþ � 2:5
27:5

� �� �
dþ > 30 ð17Þ

The dimensionless condensate film thickness, d+, for
laminar flow can be found by using the Nusselt [24]

correlation,

dþ ¼ 0:866Re0:5l for Rel 6 1600 ð18Þ

For turbulent flow, the dimensionless film thickness can

be found by using the Ganchev and Musvik [25] empir-

ical correlation,

dþ ¼ 0:051Re0:87l for Rel > 1600 ð19Þ

where the liquid-phase Reynolds number, Rel, is

Rel ¼
4 � _ml

p � d i � ll
¼ G � 1� xð Þ � d i

ll
ð20Þ

The original model is used to predict the heat transfer

coefficient during condensation inside smooth tubes.

h ¼
ql � cpl � sw

ql


 �0:5
Tþ ð21Þ

The frictional component of the two-phase flow pressure

gradient (dp/dz)f is related to the wall shear stress, sw,
as

pdsw ¼ dp
dz

� �
f

� pd
2
i

4
) sw ¼ dp

dz

� �
f

� d i
4

ð22Þ

(dp/dz)f is defined as the frictional pressure gradient. The

value of the frictional pressure gradient is calculated by

using the following equations:

dp
dz

� �
f

¼ U2LO � dpf
dz

� �
LO

¼ U2LO � 2 � fLO � G2

d i � ql
ð23Þ
where ULO is the two-phase multiplier and fLO is the sin-

gle-phase friction multiplier. The two-phase multiplier is

evaluated by using Friedel [26] correlations.

ULO¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ð1� xÞ2þx2 � ðql � fGOÞðqv � fLOÞ

þ3:24 �x
0:78 � ð1�xÞ0:224 �H

Fr0:045 �We0:035

s

ð24Þ
where Fr is the Froude number, We is the Weber num-

ber, H is the phase change number, and fGO and fLO are

the smooth tube single-phase friction factors. The Fro-

ude, Weber, and phase change numbers can be deter-

mined by Eqs. (25)–(27), respectively.

H ¼ ql
qv

� �0:91
� lv

ll

� �0:19
� 1� lv

ll

� �0:7
ð25Þ

We ¼ G2 � d i
qm � r ð26Þ

Fr ¼ G2

g � d i � q2m
ð27Þ

qm ¼ x
qv

þ ð1� xÞ
ql

� ��1

ð28Þ

The single-phase friction factors, fGO and fLO, are used

in the calculation of the frictional pressure gradient.

For micro-fin tubes, Cavallini et al. [1] suggested that

the single-phase friction factor to be taken as the higher

value of that obtained from the Blasius equation for

smooth tubes and that estimated from the Moody dia-

gram under fully-developed turbulent flow and at a rel-

ative roughness (empirically fitted). The method is

applied to compute the friction factors as

fLO ¼ maxðfLO1,fLO2Þ fGO ¼ maxðfGO1,fGO2Þ

Using the Blasius equation for the turbulent flow

fLO1 ¼ 0:079 �
G � d i

ll

� ��0:25

fGO1 ¼ 0:079 �
G � d i
lv

� ��0:25

when
G � d i
lv

> 2000

ð29Þ

and for laminar flow

fLO1 ¼
16

G�d i
ll


 � fGO1 ¼
16

G�d i
lv


 � when
G � d i
lv

6 2000

ð30Þ

or for both laminar and turbulent flow, Cavallini et al.

[1] proposed the following relations:

fLO2 ¼
1:74� 2 � logð2 � RxfÞ½ ��2

4
ð31Þ



Table 3

Pure-refrigerant data sets used for generating the new empirical

constants

Reference Refrigerant Number of

data points

Hitachi Cable [15] R22 12

Muzzio et al. [16] R22 24

Schlager et al. [19] R22 15

Shinohara and Tobe [20] R22 9

Tang et al. [21] R22 35

Yasuda et al. [23] R22 17

Eckels et al. [11] R134a 12

Tang et al. [21] R134a 30

Eckels and Pate [10] R12 20

Table 4

Mean absolute deviation (MAD) achieved by the new pure-

refrigerant model for the data sets used in generating the new

empirical constants

Reference Refrigerant MAD value (%)

Hitachi Cable [15] R22 9.9

Muzzio et al. [16] R22 10.7

Schlager et al. [19] R22 17.9

Shinohara and Tobe [20] R22 18.4

Tang et al. [21] R22 5.6

Yasuda et al. [23] R22 4.8

Eckels et al. [11] R134a 14.8

Tang et al. [21] R134a 5.4

Eckels and Pate [10] R12 12.7
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fGO2 ¼
1:74� 2 � logð2 � RxfÞ½ ��2

4
ð32Þ

where Rxf is an empirically-fitted relative roughness that

is used to model micro-fin tubes and it can be expressed

as [1]

Rxf ¼
0:18 � e

d i


 �
ð0:1þ cos bÞ ð33Þ

In order to expand the original smooth-tube model to

the micro-fin tubes, a new geometry-enhancement fac-

tor, which was introduced by Hori and Shinohara [27],

is used. The geometry-enhancement factor, Rx, which

accounts for the effects of the heat transfer area increase

and the spiral angle, is

Rx ¼
2 � e � ng � 1� sin b

2

� �� �
p � d i � cos b

2

� � þ 1
" #

� 1

cos cð Þ ð34Þ
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Fig. 1. New model predictions for the R22 data sets
A new correlation to predict the heat transfer coefficient

during condensation inside smooth tubes is obtained

multiplying Eq. (21) by the enhancement factor for

micro-fin tubes, and introducing three empirical con-

stants (P1,P2, andP3), which are generated from the avail-

able experimental database. This correlation is given by

h ¼
P 1 � ql � cpl � sw

ql


 �P2

Tþ � RxP3 ð35Þ

where sw is the wall shear stress.
The MathCad minimize function [28] is used to eval-

uate the three empirical constants presented in Eq. (35).

The new empirical constants for the new pure-refriger-

ant model were determined using 174 data points col-

lected from seven different sources listed in Table 3.

This yields values of P1 = 0.208, P2 = 0.224, and

P3 = 1.321.
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Fig. 3. New pure-refrigerant model prediction for the Eckels and Pate [10] R12 data set.
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Introducing the values of the empirical constants into

Eq. (35) the final expression to compute the heat transfer

coefficient for pure-refrigerant during condensation in-

side micro-fin tubes can be expressed as

h ¼
0:208 � ql � cpl � sw

ql


 �0:224
Tþ � Rx1:321 ð36Þ

where the heat transfer coefficient is in Wm�2K�1.

The new pure-refrigerant model is used to predict

existing experimental data and the mean absolute devia-

tion (MAD) value is calculated. For pure refrigerants,
the available experimental data have been used to vali-

date the prediction results of the new pure-refrigerant

model. The accuracy of the new model in predicting

the pure-refrigerant data is presented in Table 4.

Table 4 shows that the prediction results using the

new model are excellent since the mean absolute devia-

tions for all these pure-refrigerant data sets are less than

19%. In addition, the new model produces more reliable

and consistent prediction results. The prediction results

for the nine data sets are illustrated in Figs. 1–3.

The new pure-refrigerant model is further tested with

data sets not included in developing the model. The



Table 5

Mean absolute deviation (MAD) achieved by the new pure-

refrigerant model on the pure-refrigerant data sets

No. Reference Refrigerant MAD value (%)

1 Bogart and Thors [7] R22 13.7

2 Chamra et al. [8] R22 7.7

3 Ebisu and Torikoshi [9] R22 12.6

4 Eckels and Pate [10] R134a 12.6

5 Eckels et al. [11] R134a 18.1

6 Eckels and Tesene [13] R22 16.5

R134a 19.1

7 Goto et al. [14] R22 29.2

8 Muzzio et al. [17] R22 6.8

9 Schlager [18] R22 11.9

10 Uchida et al. [22] R22 22.9
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validation process is important to prove the capability of

the new model in accurately predicting condensation

heat transfer coefficients in micro-fin tubes.
4. Comparison with other experimental data

Additional pure-refrigerant experimental data sets

were collected and compared with the prediction re-

sults of the new condensation model. These data sets
Experimental Heat Tran

0 2000 4000

P
re

di
ct

ed
 H

ea
t T

ra
ns

fe
r 

C
oe

ff
ic

ie
nt

 (
W

/m
2 K

)

0

2000

4000

6000

8000

10000

Bogart and Thors [7]
Chamra et al. [8]
Ebisu and Torikoshi [9]
Eckels and Tesene [13]
Goto et al. [14]
Muzzio et al. [17]
Schlager L.M. [18]
Uchida et al. [22]
Perfect Prediction Line
+/- 30% Deviation Line

+30%

Fig. 4. New model prediction f
were not included in developing the new model. The

capability of the new model to predict the experimen-

tal data from other data sets is evaluated. The flow

conditions and the tube geometries of the experimen-

tal data points are listed in Tables 1 and 2. The

prediction results of the new pure-refrigerant model

for the experimental data points are shown in Table

5.

A total number of 250 new experimental data points

were collected from 10 different sources. These new

experimental data were compared with the prediction re-

sults from the new pure-refrigerant model. The MAD

values are within 20% for most of the experimental data

points. This shows that the new pure-refrigerant model

is capable of accurately predicting the experimental data

points. The prediction results of the new pure-refrigerant

model on the additional experimental data sets are

shown in Figs. 4 and 5. The prediction results for the

Goto et al. [14] R22 data set of the new pure-refrigerant

model are relatively high because the experiment is run

using a short length of micro-fin tube with low mass flux.

The flow configuration inside the Goto et al. [14] exper-

iment may not be in the annular flow regions. Thus, the

new pure-refrigerant model, which is applicable only for

annular flow regime, achieves high mean absolute devi-

ation for this particular data set.
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Fig. 5. New model prediction on the new R134a data sets.

Table 6

Comparison of the mean absolute deviation (MAD) of different models for the pure-refrigerant data sets

Reference Refrigerant MAD value (%)

New pure model Cavallini et al. [1] model Yu and Koyama

[2] model

Kedzierski and

Goncalves [3] model

Eckels and Pate [10] R134a 12.6 21.5 22.4 12.0

R12 12.7 16.9 25.1 17.7

Muzzio et al. [16] R22 10.7 10.3 11.0 20.6

Muzzio et al. [17] R22 6.8 7.7 15.2 21.7

Schlager [18] R22 11.9 10.7 38.9 12.6

Schlager et al. [19] R22 16.6 21.4 44.3 7.8

Shinohara and Tobe [20] R22 18.4 30.7 166.8 65.6

Tang et al. [21] R22 5.6 13.8 9.7 26.2

R134a 5.4 12.2 7.8 22.9

Yasuda et al. [23] R22 4.8 6.4 16.1 13.2
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Table 6 presents a comparison of the mean absolute

deviations of the new pure-refrigerant model, the

Cavallini et al. [1] model, the Yu and Koyama [2], and

the Kedzierski and Goncalves [3] model with the pure-

refrigerant data sets. As can be seen, the new pure-refrig-

erant model MAD values are within 20% for most of the

experimental data points. It can also be observed that in

most cases the MAD values for the new pure-refrigerant

model are lower than those obtained using the Cavallini

et al. [1] model, the Yu and Koyama [2] model, and

Kedzierski and Goncalves [3] model.
5. Conclusions

A new semi-empirical model for heat transfer coeffi-

cient calculation during condensation of pure refriger-

ants inside micro-fin tubes is presented. The theoretical
bases of turbulent film condensation are applied as the

fundamental approach to develop the new pure-refriger-

ant model. The new pure-refrigerant model is validated

with the other experimental data that are not used in

developing the model. Around 400 experimental data

points are used to evaluate the validity of the new

pure-refrigerant model. The new pure-refrigerant model

is capable of producing consistent prediction results with

lower MAD values for most of the available data sets as

compares to the other models.
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